Seasonal thermodynamic prediction of the performance of a hybrid solar gas-turbine power plant by Santos Sánchez, María Jesús et al.
Seasonal thermodynamic prediction of the
performance of a hybrid solar gas-turbine
power plant
M.J. Santos
Departamento de F́ısica Aplicada, Universidad de Salamanca, 37008 Salamanca,
Spain
R.P. Merchán
Departamento de F́ısica Aplicada, Universidad de Salamanca, 37008 Salamanca,
Spain
A. Medina ∗
Departamento de F́ısica Aplicada, Universidad de Salamanca, 37008 Salamanca,
Spain
A. Calvo Hernández
Departamento de F́ısica Aplicada and IUFFYM, Universidad de Salamanca,
37008 Salamanca, Spain
Abstract
A thermodynamic model is developed for predicting the performance records of a
solar hybrid gas turbine power plant with variable irradiance and ambient temper-
ature conditions. The model considers a serial solar hybridization in those periods
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where solar irradiance is high enough. A combustion chamber allows to maintain an
approximately constant inlet temperature in the turbine ensuring an stable power
output. The overall plant thermal efficiency is written as a combination of the ther-
mal efficiencies of the involved subsystems and the required heat exchangers. The
model is validated by comparing its predictions against experimental results from
a project developed near Seville, Spain. Real data for irradiance and external tem-
perature are taken in hourly terms. The curves of several variables are obtained
for representative days of all seasons: overall plant efficiency, solar subsystem effi-
ciency, solar share, fuel conversion rate, and power output. The fuel consumption
assuming natural gas fueling is calculated and the reduction in greenhouse emissions
is discussed. It is shown that a recuperative hybrid plant configuration leads to a
considerable saving of fuel consumption and emissions.
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Nomenclature1
Aa aperture area of the collector2
Ar absorber area of the collector3
ac isentropic compressor pressure ratio4
at isentropic turbine pressure ratio5
C solar collector concentration ratio6
cw specific heat of the working fluid7
f solar share8
G solar irradiance9
h1 radiation heat loss coefficient for the solar collector10
h2 effective convection and conduction loss coefficient for the solar collector11
ṁ mass flow rate of the working substance12
ṁf fuel mass flow rate13
P power output14
|Q̇H| total heat-transfer rate absorbed from the working fluid15
|Q̇HC| heat input from the combustion chamber16
|Q̇′HC| heat rate transferred from the combustion chamber to the associated17
heat exchanger18
|Q̇HS| heat rate input from the solar collector19
|Q̇′HS| heat rate transferred from the solar collector to the associated heat20
exchanger21
|Q̇L| heat-transfer rate between the working fluid and the ambient22
QLHV lower heating value of the fuel23
re fuel conversion rate24
rp overall pressure ratio25
THC working temperature of the combustion chamber26
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THS working temperature of the solar collector27
TL ambient temperature (K)28
Tx working fluid temperature after the heat input from the regenerator29
Tx′ working fluid temperature after heat input from the solar collector30
Ty working fluid exhaust temperature31
T3 turbine inlet temperature32
UL convective losses of the solar collector33
α effective emissivity34
η overall thermal efficiency35
ηC combustion chamber efficiency36
ηH thermal efficiency of the Brayton heat engine37
εHC combustion chamber heat exchanger efficiency38
εHS solar collector heat exchanger efficiency39
ηS solar collector efficiency40
η0 effective transmittance-absorptance product41
εc isentropic efficiency of the compressor42
εL cold side heat exchanger efficiency43
εr regenerator effectiveness44
εt isentropic efficiency of the turbines45
γ adiabatic coefficient of the working fluid46
ρH irreversibilities due to pressure drops in the heat input47
ρL irreversibilities due to pressure drops in the heat release48
σ Stefan-Boltzmann constant49
τHS temperature ratio associated to the solar collector50
τHC temperature ratio associated to the combustion chamber51
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1 Introduction52
Power generation based on gas turbine technology has experienced an enor-53
mous evolution since the first industrial gas turbines built about 1940 [1]. Di-54
rectly fired coal combustion with a poor efficiency and large carbon emissions55
has evolved towards more complex, clean, and efficient systems. Moreover,56
renewable energy resources has been included in the way heat is generated57
in the thermodynamic cycle that the plant runs [2–4]. Gas turbines are very58
versatile and can operate directly or indirectly fired [5]. This fact makes them59
specially suitable for their integration in heat generation plants as thermoso-60
lar ones. Another key advantage is their reduced water requirements, much61
lower than for instance Rankine based plants, that also admit solarization.62
This is essential in arid regions with favorable solar irradiance conditions [6].63
These power plants can be combined with other cycles in order to take ad-64
vantage for instance of residual heat through heat recovery steam generators65
(HRSG) [7–10].66
During the last years several projects have tried to develop a hybrid solar gas67
turbine technology in which concentrated solar power [11–13] coming from68
a central receiver solar plant is used to heat pressurized air that from the69
thermodynamic viewpoint performs a Brayton cycle [14–17]. The term hybrid70
refers to the fact that in low solar radiation periods (by night or when weather71
conditions are not favorable) a combustion chamber ensures an stable power72
release to the electricity grid and avoids the use of storage systems. Basic hy-73
bridization strategies are serial or parallel. In the serial scheme compressed air74
is pre-heated before going into the combustion chamber. The air pre-heating75
reduces the amount of fuel (and so, pollutant emissions) required to attain76
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the desired turbine inlet temperature. In the parallel scheme the air flow after77
compression is divided in two streams, one is guided to the solar subsystem78
and the other is independently directed to the combustion chamber. Then,79
the two streams are mixed before the expansion in the turbine. This scheme80
has some practical advantages (operation and maintenance), but thermody-81
namically, the serial configuration is more profitable [18]. Hybridization can82
be performed by retrofitting an existing standard fossil plant of designing an83
original hybrid one [19]. Usually there is more flexibility in designing and op-84
timizing a brand new one, solving the design challenges properly. It is thus85
required to simulate the hybrid system, taking into account techno-economic86
and thermo-economic ingredients [10,18,20].87
According to the type of combustion (and so, to the type of fuel to be burned)88
solar hybridization can be done on directly fired gas turbines (DFGTs) and89
externally fired gas turbines (EFGTs). In the first the fuel is burned directly on90
the air stream and flue gases are conducted to turbine blades. In consequence,91
the fuel used should be clean to avoid fouling problems. The main value of92
DFGTs is that can reach high turbine inlet temperatures and thus, good power93
output. In EFGTs hot gases after combustion are not in direct contact with94
turbine blades [5,21]. Heat is transferred to the working fluid (air) by means95
of a high temperature heat exchanger (HTHE) [22]. In this case two main96
advantages should be mentioned: the flexibility in the plant operation, that97
could be in open or closed cycles, and the flexibility in the type of fuel (solid,98
liquid or gas, from fossil resources or renewable ones). The main drawback are99
heat exchangers, particularly the cost and efficiency of the HTHE at the hot100
side and the required cooler in the cool side if the cycle is closed to recover101
the compressor inlet temperature.102
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Apart from R+D projects, prototypes, and experimental installations several103
research works have been published in the last times. Some of them, make use104
of commercial simulation environments, (TRNSYS®, Thermoflex®, EES®,105
etc.) that allow a detailed description of all plant components and specific cal-106
culations on the solar subsystem [23,24]. With respect to the latter, exhaustive107
computations for the solar efficiency including mirror area, blocking and shad-108
owing effects, mirror tracking strategies, and so on are accomplished [25–27].109
Moreover, the utilization of meteorological databases allows to simulate the110
plant in particular locations and for realistic weather conditions. However, it is111
not easy to extract direct physical information about the main losses sources112
in the plant and to plan global strategies for the optimization of the plant113
design and operation as a whole.114
On the other side, there are several theoretical works that starts from the Bray-115
ton ideal cycle and thereafter refinements are included in the analysis of the116
thermodynamics of the cycle in order to recover realistic output records [28–117
31]. Usually, in these works the model for the concentrated solar subsystem,118
although including the main heat transfer losses, is simple. This allows to ob-119
tain closed analytical expressions for thermal efficiencies and power output,120
and then check the model predictions with validation purposes for particular121
design point conditions, with fixed values of solar irradiance and ambient tem-122
perature. And in a possible step forward to suggest and guide optimization123
strategies.124
The main objectives of this work are aligned in the last modus operandi, but125
with a noticeable novelty, to develop a dynamic model that allows the incor-126
poration of solar irradiance and ambient temperature fluctuations at a par-127
ticular location. We shall present a thermodynamic model for a serial solar128
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hybrid Brayton type plant working either in recuperative or non-recuperative129
configurations because of the key importance of recuperation [6,31,32]. The130
model, in which refers to the thermodynamic cycle starts from a closed Bray-131
ton cycle however incorporating the main losses sources: non-ideal turbine and132
compressor, pressure decays, heat exchangers, heat transfer losses in the solar133
collector, combustion inefficiencies, etc. The combination of the models for134
the solar part and the thermodynamic engine allows to obtain expressions for135
the plant global efficiency and other efficiencies in terms of a reduced num-136
ber of parameters, with clear physical meaning each. It will be shown that137
the comparison of the model predictions with real plant data at particular138
conditions is good. Moreover, we shall present a complete analysis of the evo-139
lution of plant records along a year, taking real data for solar irradiance and140
ambient temperature for representative days of each season. Particularly, fuel141
consumption and greenhouse emissions will be estimated and analyzed.142
2 Thermodynamic plant model143
We consider the plant sketched in Fig. 1. A single step regenerative closed144
Brayton cycle is hybridized in the following sequence. The working fluid at145
the compressor exit (temperature T2) is heated up through a regenerator that146
makes use of the high temperature of the gas after the turbine, T4. The tem-147
perature of the fluid at the regenerator exit, Tx, is elevated first by the heat148
released by the central tower solar subsystem if solar irradiance is enough.149
Afterwards, the fluid reaches a higher temperature, Tx′ and then, in the last150
heating step, it receives an energy from a combustion chamber through an-151
other heat exchanger. The final temperature at the turbine inlet, T3, is taken152
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as approximately constant, so the power released by the installation to the153
grid is also almost unchanged during all the year. In the case of insufficient154
irradiance a shut-off valve redirects the fluid directly to the heat exchanger155
below the combustion chamber. The case of no regeneration, where the fluid156
at the compressor exit goes directly to the heat exchanger linked to the solar157
receiver, will also be analyzed.158
As can be seen from Fig. 1 losses in all heat exchangers, in the solar subsystem,159
in the combustion chamber as well as in the compressor and in the turbine160
will be considered. They will be specified in the following subsections. Next we161
detail the nomenclature for the different heat transfers in the model. The solar162
subsystem receives a heat input from the sun given by GAa where G is the163
solar irradiance and Aa the aperture area of the solar field. The solar irradiance164
is a function of time because it depends on the sun position during the day,165
the meteorological conditions, and seasonal fluctuations. After discounting the166
losses, the receiver releases a useful energy to a heat exchanger, Q̇′HS, that in167
turn releases a final heat rate Q̇HS to the working fluid.168
A similar scheme is followed to describe the combustion chamber subsystem.169
The energy input in this subsystem is ṁfQLHV , where ṁf is the fuel mass170
consumption rate and QLHV its corresponding lower heating value. The mass171
fuel rate will be also considered as time dependent, in accordance to the fluc-172
tuations of G. It should compensate variations in G in such a way that the173
turbine inlet temperature remains constant in all conditions. In the combus-174
tion chamber losses due to incomplete combustion and heat transfers to the175
surroundings are accounted for. The heat rate received by the working fluid176
from combustion of the fuel is denoted as Q̇HC. The isentropic efficiencies of177
the heat exchangers associated to the solar and the combustion subsystems178
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are denoted as εHS and εHC respectively. The internal heat redistribution asso-179
ciated to regeneration is called Q̇r. In order to close the thermodynamic cycle180
a cold-side heat exchanger is considered. The compressor inlet temperature,181
T1, will depend on the external temperature, TL, that will fluctuate due to182
dairy and seasonal changes. The plant delivers a mechanical power output, P ,183
independent of solar radiation fluctuations.184
2.1 Global thermal efficiency of the plant185
The thermal efficiency of the whole system, η, is the ratio between the net





The following objective is to express this global efficiency in terms of the186
efficiency of the solar collector, ηS, that of the combustion chamber, ηC, the187
efficiency of the Brayton heat engine, ηH, and the efficiencies of all the required188
heat exchangers.189
The solar collector efficiency, ηS, is the quotient between the useful energy it190
delivers per unit time, |Q̇′HS| (see Fig. 1) and the solar energy rate it receives191
from the sun, GAa, i.e., ηS = |Q̇′HS|/GAa. The working fluid undergoing the192
thermal cycle receives the solar heat input through a solar receiver and a193
heat exchanger, which transfers a fraction of |Q̇′HS|, |Q̇HS| = εHS|Q̇′HS| to the194
working fluid. In this equation εHS represents the isentropic efficiency of the195
heat exchanger. In other terms, the solar collector efficiency can be written196
in terms of εHS and the effective heat rate released to the fluid as: ηS =197
|Q̇HS|/(εHSGAa).198
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Likewise the combustion chamber generates a heat rate, |Q̇′HC|, that is trans-199
ferred to the working fluid by means of a heat exchanger with isentropic ef-200
ficiency εHC = |Q̇HC|/|Q̇′HC|, so the working fluid receives a heat rate |Q̇HC|201
coming from combustion. Note that we are assuming an externally fired gas202
turbine (EFGT), so the fuel is not injected in the air itself, but the gas receives203
the energy input coming from combustion through a heat exchanger. The effi-204
ciency of the combustion chamber is thus given by: ηC = |Q̇HC|/(εHCṁfQLHV).205
The thermal efficiency of the heat engine itself is the fraction between the
net power output, P , and the total heat input received by the working fluid,
ηH = P/(|Q̇HS|+ |Q̇HC|). Defining a solar share fraction as the ratio of the
solar heat rate that the working fluid absorbs with respect to the total heat




1 , the overall efficiency of the whole system,




ηCεHCf + ηSεHS(1− f)
]
(2)
This expression is valid for the hybrid mode when both heat sources are si-206
multaneously releasing energy to the fluid. In the particular case in which207
eventually all the energy input comes from the solar collector, f = 1, and208
η = ηSηHεHS, and when solar irradiance is null, and the turbine works only209
with the heat released in the combustion reactions, f = 0, and η = ηCηHεHC.210
It is also interesting to define a performance relative to the energy input with
an economical cost, i.e., to the fuel burned. It constitutes a fuel conversion
rate, and can be defined as suggested by Heywood [33] for internal combustion
1 Note that this is not the only definition of solar share or solar fraction in the
literature [15,24]
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engines, re = P/(ṁfQLHV). It is easy to show that:
re =
η ηS ηH εHS
ηS ηH εHS − ηf
(3)
In the particular case all the energy input comes from combustion, f = 0, and211
re = η. In the opposite limit, if eventually all the energy was solar, f = 1, and212
η = ηS ηHεHS, so re → ∞. Thus, note that this rate is defined in the interval213
[0,∞]. It does not represent a thermodynamic efficiency, it is a measure of the214
system performance from the viewpoint of fuel consumption costs. In a solar215
hybrid system as the one considered here, re, could get values over 1 at some216
point because a fraction of the energy input lacks of associated costs.217
2.2 Solar subsystem and combustion process efficiencies218
At low and intermediate working temperatures for the solar collector, THS,
losses essentially comes from conduction and convection. At high temperatures
radiation losses become significant and should be considered in any model. The
energy collected at the aperture is GAa, and the useful energy provided by
the solar plant, |Q̇′HS|, is the difference between the energy transmitted to
the receptor, η0GAa, where η0 is the optical efficiency and the losses. These
contain a linear term in temperature differences accounting for conduction
and convection losses and a term on the fourth power of temperatures, linked
to radiation losses. Thus, the useful heat released from the collector and its
efficiency can be respectively expressed, as [34–37]:










In these equations τHS = THS/TL denotes the ratio between the working tem-219
perature of the solar receiver, THS, and the surroundings, TL. Aa and Ar220
are, respectively, the aperture and absorber areas, h1 = ασ/(η0GC), h2 =221
UL/(η0GC) are losses parameters, where UL is the convective heat loss coeffi-222
cient, α is the effective emissivity of the collector, C = Aa/Ar is the concentra-223
tion ratio, and σ the Stefan-Boltzmann constant. It will be considered in our224
model that the solar irradiance, G, and the surroundings temperature, TL, are225
time functions because oscillate during a day and change with seasonal and226
meteorological conditions. For each particular pair of values of G and TL at227
any given instant, the working temperature of the receiver, THS, is calculated228
by balancing the energy received from the sun and that released to the working229
fluid experiencing the bottoming thermal cycle [30]. The heat released by the230
solar subsystem to the working fluid is |Q̇HS| = εHS|Q̇′HS|, where εHS represents231
the isentropic efficiency of the corresponding heat exchanger, defined as (see232
Fig. 1): εHS = (Tx′ − Tx)/(THS − Tx).233
The efficiency of the combustion chamber, ηC, once elected the fuel to be
burned and the fuel-air equivalence ratio, can be considered as a constant pa-
rameter. The heat received by the working fluid from the combustion chamber,
Q̇HC, can be written as:
|Q̇HC| = εHC|Q̇′HC| = εHC ηC ṁf QLHV (6)
By expressing the isentropic efficiency of the heat exchanger in between the
combustion chamber and the thermal cycle as (see Fig. 1) εHC = (T3 −
Tx′)/(THC − Tx′), the heat released, in terms of temperatures, is:
|Q̇HC| = ṁ cw (T3 − Tx′) = ṁ cw εHC (THC − Tx′) (7)
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where ṁ is the working fluid mass flow and cw is its specific heat. The effective
temperature in the combustion chamber is denoted as THC, and the associated
temperature ratio as τHC = THC/TL. As fluctuations in G and TL will be taken
into account, the fuel mass flow to be burned in the combustion chamber will
also be a time dependent function in general given by:
ṁf =
ṁ cw(T3 − Tx′)
ηC QLHV εHC
(8)
where Tx′ will vary with the solar irradiance and ambient conditions. The rate234
of fuel mass burned can be also obtained from the fuel conversion rate, re, as:235
ṁf = P/(reQLHV).236
2.3 Brayton gas-turbine efficiency237
In this subsection the main assumptions considered for evaluating the the ef-238
ficiency of the heat engine, ηH, will be briefly outlined since the model have239
been detailed elsewhere in previous works by our group [31,32]. It is assumed240
that a mass rate of an ideal gas, ṁ, undergoes an irreversible closed recuper-241
ative Brayton cycle. The T − S diagram of the cycle is depicted in Fig. 2,242
where it is stressed that both the working temperature of the solar receiver,243
THS and that of the surroundings, TL, are fluctuating quantities. In order to244
obtain analytical expressions for heat transfers, a constant specific heat, cw245
is assumed. Although this is a debatable hypothesis, as elsewhere commented246
in the literature [34], it allows to get systematic expressions, and so check247
the influence of the most significant parameters and extract conclusions about248
the main physical mechanisms that lead to losses in the plant. For numerical249
applications, effective values for cw or the adiabatic coefficient, γ, will be cal-250
culated by averaging the corresponding temperature dependent polynomials,251
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cw(T ), in the adequate temperature intervals.252
(1) As starting step the gas is compressed (1→ 2) by means of a non-ideal253
compressor. Its isentropic efficiency is given by εc = (T2s − T1)/(T2 − T1).254
In this equation T2s represents the temperature of the working fluid after255
the compression process if it was adiabatic and T2 is the actual temper-256
ature at the compressor outlet.257
(2) Between states 2 and 3, in the most general situation, the gas receives258
three energy inputs in sequence. First, the non-ideal regenerator increases259
the gas temperature from T2 to Tx. Its effectiveness, εr, is defined as the260
ratio between the actual temperature (Tx−T2) increase and the maximum261
ideal one (T4 − T2): εr = (Tx − T2)/(T4 − T2) = (Ty − T4)/(T2 − T4). In262
the case of a non-recuperative cycle, εr = 0, and in the ideal limit, εr = 1.263
Secondly, the gas receives a heat flow, |Q̇HS|, from the solar subsystem264
(step x→ x′) and thus its temperature increases from Tx to Tx′ . Finally,265
the gas receives a completing heat input from the combustion chamber266
(x′ → 3) in order to ensure an approximately constant turbine inlet267
temperature, T3, independently of the solar irradiance conditions.268
In which respect to the pressure during the heat addition processes, a
global parameter, ρH, that quantifies the pressure decrease in the process
2 → 3 is considered. In real plants pressure decays are associated to the
particular equipment in any of the three steps of the heat input process,
so the curve 2→ 3 would not be as smooth as it is plotted in Fig. 2. But
the consideration of a unique global pressure decay parameter allows to
obtain analytical equations and to numerically check the effects of pres-
sure decays in the output parameters of the plant [24]. This parameter,
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where pH is the highest pressure of the gas and (pH −∆pH) its pressure269
at the turbine inlet.270
(3) In the state 3 the working fluid has reached its maximum temperature271
and its is expanded by means of a non-ideal turbine performing the power272
stroke (3→ 4). In Fig. 2 the state 4s represents the final state in the ideal273
case the turbine behaves isentropically, and the state 4 is the actual final274
state after expansion. The isentropic efficiency of the turbine, εt, is given275
by: εt = (T4s − T3)/(T4 − T3).276
(4) Lastly, the gas recovers the conditions at the initial state 1 by releasing277
heat in the process 4 →1 through two steps. First, by means of the278
regenerator (process 4→ y) and later by exchanging heat to the ambient279
through a non-ideal heat exchanger with efficiency, εL (process y → 1):280
εL = (T1 − Ty)/(TL − Ty).281
The pressure loss during the whole heat release process is measured







where pL is the gas pressure at the turbine outlet and pL−∆pL its lowest






Provided that the processes 1→ 2s and 3→ 4s are adiabatic (see Fig. 2),
two parameters, ac and at, related to the pressure ratios of the compressor
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From Eqs. (9), (10), and (11) it is easy to find a relationship between282
them, at = acρHρL.283
Once, the main hypothesis and parameters have been made explicit, we express
the temperatures of all the states in the cycle in terms of the temperature of
the solar collector, THS, that of the combustion chamber, THC, and the pressure
ratios of the compressor, ac and the turbine, at. By using the definitions in
the section above, it is possible to obtain the following set of equations:
T1 = εLTL + Ty (1− εL) (14)
T2 = T1 +
1
εc
(T2s − T1) = T1Zc (15)
T3 = εHCTHC + Tx′ (1− εHC) (16)
T4 = T3 − εt (T3 − T4s) = T3Zt (17)
Tx = εrT4 + T2 (1− εr) (18)
Ty = εrT2 + T4 (1− εr) (19)
Tx′ = εHSTHS + Tx (1− εHS) (20)
The equations (15) and (17) were simplified by introducing two definitions:
Zc = 1 +
1
εc
(ac − 1) (21)






By simultaneously using Eqs. (14)-(20) it is feasible to express all the tem-
peratures in terms of the temperatures of the heat sources, THS and THC,
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the ambient temperature, TL, the pressure ratio, rp and all the irreversibility

























εL + Zt (1− εL) (1− εr) T3TL
















Zc (1− εr) (27)
It is easy to get the temperature of the working fluid at the recuperator exit,
Ty, by substituting Eqs. (23) and (24) in Eq. (19). The total heat input rate,
|Q̇H|, and, the heat release, |Q̇L|, are expressed in terms of the temperatures
in the following way:
|Q̇H | = |Q̇HS|+ |Q̇HC| = ṁcw (T3 − Tx) (28)
|Q̇L| = ṁcw (Ty − T1) (29)
where,
|Q̇HS| = ṁcw (Tx′ − Tx) = f |Q̇H | (30)
|Q̇HC| = ṁcw (T3 − Tx′ ) = (1− f)|Q̇H | (31)
Thus, the power output released by the heat engine, P = |Q̇H| − |Q̇L|, and284
its thermal efficiency, ηH = P/|Q̇H|, have analytical expressions susceptible285
to be evaluated for any particular parameters arrangement. And so, from the286
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considered models for the solar and the combustion chamber subsystems, it is287
possible to obtain the overall plant efficiency from Eq. (2).288
It is important to stress at this point that the solar share, f , in our work
does not appear as an independent parameter, but it is a function of the
temperatures of the heat sources, G and solar collector details, and all the
other parameters. Moreover, as a consequence of the assumptions made in this
model for the sequence of heat absorption processes, the following inequalities
for temperatures hold (see Fig. 2):
T3 ≥ Tx′ ≥ Tx (32)
THS ≥ Tx (33)
THC ≥ Tx′ (34)
Equation (32) is trivially obtained from Eqs. (30) and (31). The particular289
case T3 = Tx′ holds when solar radiation is capable to provide enough energy290
to increase gas temperature from Tx to T3. In terms of the solar share, f = 1.291
The equality Tx′ = Tx appears in the opposite case, all the energy comes from292
combustion, so the solar share is zero (by night or for very poor irradiance293
conditions). The other equations, Eqs. (33) and (34), arise because efficiencies294
of the heat exchangers, εHS > 0 and εHC > 0. The equalities holds in the case295
of ideal heat exchangers with no losses, εHS = 1 and/or εHC = 1.296
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3 Numerical implementation and validation297
3.1 Validation in design point conditions298
The model presented in this work was validated in fixed solar irradiance con-299
ditions in a previous paper [30]. In this section we outline the main back-300
ground and conclusions of the numerical validation. As validation target it301
was elected the central tower concentrating collector developed by Abengoa302
Solar near Seville, Spain, under the project called SOLUGAS [17]. In this303
project, a commercial recuperative natural gas turbine (Mercury 50, Caterpil-304
lar) [38], was placed at the top of a 75 m high tower behind the receiver. The305
main objective of the installation is to check the performance and the costs306
estimate of this plant scheme at a pre-commercial stage. Within this aim an307
heliostat field consisting of 69 units of 121 m2 reflective area each, with an308
innovative tracking system was built. It can produce about 5 MWth.309
The validation process is divided in two steps. First, we tried to reproduce310
the main performance records of the turbine Mercury 50, for which the man-311
ufacturer provides several specifications [38]. Table 1 summarizes some data312
required to run our simulation as well as the measured and calculated val-313
ues. We considered as working fluid air, with average values of the constant314
pressure specific heat, cw and adiabatic coefficient, γ. Polynomial fits from the315
literature [39] were integrated over the interval [T1, T3]. The required losses316
parameters were assumed from standard values. Computations lead to fairly317
good agreement with manufacturer’s measures. It is noteworthy that the rel-318
ative deviations of efficiency at generator terminals, ηHe, and power output,319
Pe, are below 1%. In [30] we also presented the explicit comparison of our pre-320
20
dictions for the evolution of power output, thermal efficiency, and heat rate as321
functions of the ambient temperature with those provided by the manufacturer322
(see Fig. 4 in [30]). Also, results are quite satisfactory.323
Second, it is more difficult to perform the same direct comparison for the324
whole plant working in hybrid conditions. This is due to the wariness of the325
companies developing R+D facilities of this type to make accesible details326
about the main parameters of the installations and the measured performance327
records. So, it is necessary to survey data for the required input parameters328
from different sources and present a prediction of the results of the model to329
check its credibility. This is done, in the case of our work, in Table 2. Input data330
were taken mainly from SOLUGAS (Abengoa Solar) project reports [17], the331
work by Romero et al. [11] but also from several other resources [21,22,34,40].332
The design point conditions were taken from Abengoa at G = 860 W/m2 and333
TL = 288K. The optical efficiency, η0 = 0.73 was taken from [11] for such334
design point conditions. The working temperature of the solar receiver, THS,335
was obtained by matching the heat rate released by the solar collector, Eq. (4),336
and the input absorbed by the working fluid, Eq. (30). For the selected set337
of parameters this leads to THS = 1085 K that is a reasonable value. For the338
lower heating value of natural gas a value of QLHV = 47.141 MJ/kg [41] was339
taken. The estimated efficiencies shown at the bottom of Table 2 are in right340
accordance with published values for this kind of plants [11,13].341
3.2 Numerical implementation of daily variations342
Irradiance, G, and ambient temperature, TL, were taken from the database343
by Meteosevilla [42] at a location very close to the installation of the project344
21
SOLUGAS, Sanlúcar La Mayor, Seville, Spain. We elected data each half an345
hour from four regular days, each corresponding to the beginning of a season346
(21st): march, june, september, and december. No smoothing or averaging347
procedures were followed. The curves for G and TL are represented in Fig. 3.348
Seville has a priori quite favorable solar conditions. The upper panel of the349
figure shows that the maximum value of G reached in summer is about 875350
W/m2. The maximum of the less favorable month, december reaches about351
480 W/m2. The number of insolation hours is quite elevated. At the same352
time temperatures are relatively high. They reach maximum values around353
34°C during the day in september (in september, at the end of summer, tem-354
peratures are higher than in june) and minimum values about 4°C.355
For each pair of values of G and TL the working temperature of the collector,356
THS was calculated. It is difficult to find analytic expressions of the variations357
of the optical efficiency for a particular heliostat field [23], because η0 depends358
on the actual concentrator and receiver geometry and optics. In consequence,359
trying to maintain the simplicity and analytical equations for heat transfers360
and efficiencies we preferred to take a realistic yearly averaged value of η0. The361
numerical value was taken from the work by Romero et al. [11] for a similar362
facility, η0 = 0.65.363
Another important point is the one related to the pressure losses across the364
ducts in the plant. These losses depend of the operation regime of the plant as365
stressed by Barigozzi et al. [24,43]: are higher when the plant is operating in an366
hybrid mode and the working fluid is conducted through the solar receiver. We367
kept the values for ρH and ρL taken in the validation procedure (see Table 1)368
because they are quite pessimistic (represent pressure losses about 9%).369
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In the next sections, results with plant configurations either incorporating a370
regenerator or not will be shown. When no recuperator is included, investments371
costs are reduced, thermal efficiency decreases, and fuel consumption is higher.372
But temperature of the working fluid at the exit of the expansion process373
is high and so, the cycle is susceptible to be combined with a bottoming374
cycle. In the opposite situation, when an extra investment is made in the375
plant and a recuperator is incorporated in the design, fuel costs decrease and376
thermal efficiency increases, but the temperature at the regenerator exit could377
make more difficult to use residual heat for bottoming cycles. Moreover, the378
inclusion of a recuperator will be only beneficial for not too high values of the379
compressor pressure ratio as discussed elsewhere in the literature [6,31,32].380
Both configurations will be analyzed in this work.381
4 Daily basis plant records prediction382
One of the key objectives of the hybridization scheme we have followed for383
the plant is to guarantee a power output independent of solar irradiance fluc-384
tuations. Thus, before analyzing other output records we have evaluated the385
evolution of P with time for days representative of each season. In Fig. 4 the386
particular evolution of P during a whole day is depicted for two seasons and a387
recuperative configuration: winter and summer (for the other two seasons and388
also for non-recuperative configurations conclusions would be similar). In both389
seasons power output oscillates with ambient temperature following a coun-390
terphase routine and is independent of the evolution of G . It is a well-known391
fact in gas turbines that an ambient temperature increase provokes a power392
output reduction and opposite. Barigozzi et al. [10] mention that for a tem-393
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perature increase of 10°C power output decreases about 5-13% for a simple394
gas turbine. Several technical procedures have been proposed in the litera-395
ture in order to control and avoid if necessary these oscillations [10]. Thus, in396
our case, power output increases during the night as TL decreases, reaching a397
maximum around sunrise, and then decreases when TL increases, and display398
a minimum when TL is maximum (compare the curves for winter and summer399
on the bottom panel of Fig. 3 with Fig. 4). To have a quantitative idea of400
the amplitude of the oscillations, we have computed the relative amplitude401
of the oscillations defined as (Pmax − Pmin)/Pmin. It is around 4.7% in winter402
(for a difference between minimum and maximum values of TL about 11 K)403
and around 6.8% in summer (temperature difference about 14 K). Average404
value of P is slightly higher in winter (4.5% higher than in summer). So, we405
can conclude that power output is independent of the particular conditions of406
solar irradiance and is only function of ambient temperature.407
4.1 Plant efficiencies408
We have obtained the curves for the different thermal plant efficiencies for409
a representative day of each season in terms of the UTC time for two plant410
configurations (see Fig. 1): recuperative (εr = 0.775) and non-recuperative411
(εr = 0). These efficiencies are plotted in Figs. 5 (no regeneration is consid-412
ered) and 6 (including a regenerator). The efficiency of the solar subsystem,413
ηS, is only defined when the solar irradiance is enough to deliver an effective414
heat to the working fluid, so the corresponding curves are defined for a partic-415
ular time interval. For any season these curves present a wide plateau during416
the hours with good insolation and then ηS decreases during sunrise and sun-417
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set. The shape of the functions in these periods is only indicative because a418
particular model for the evolution of the solar receiver temperature with G419
during transients should be necessary. This is out of the scope of this work.420
The plateaus are associated to the fact that solar efficiency are governed by421
the optical efficiency, η0, that we considered as constant. The influence of heat422
losses is small in the shape of ηS, specially in the non-regenerative case (see423
Fig. 5), only the height of the plateaus is sensitive to the temperature depen-424
dent heat losses, Eq. (5). Of course the plateaus are wider during summer,425
because of the higher number of insolation hours. Largest values of ηS are426
about 0.63 for the non-recuperative case and slightly smaller for the recuper-427
ative case. As we shall comment later on this is due to the fact that working428
temperatures of the solar collector are higher in this case and so heat transfer429
losses in the solar subsystem are larger.430
The efficiency of the Brayton heat engine, ηH , is almost constant, day and431
night. It depends on the ambient temperature for a particular day but its time432
dependence is small in the scale of the plots in Figs. 5 and 6. In seasonal terms,433
ηH , is higher for lower ambient temperatures: winter and spring. Its numerical434
value significantly increases when incorporating a recuperator, as it should be435
expected. For instance in winter, in Fig. 5(a), it amounts approximately 0.28436
and in Fig. 6(a) increases up to 0.40. This represents an increase about 43%437
which is very significant. The relative increase is approximately the same in438
all seasons.439
The global plant efficiency, η, appears as a combination of ηS, ηH , the effi-440
ciency of the combustion process, ηC , and the effectivenesses of heat exchang-441
ers (see Eq. (2)). In the absence of insolation, η, is almost time independent442
and becomes close to ηH . Numerical differences appear due to the combustion443
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inefficiencies and heat exchanger losses. When the solar receiver begins its444
contribution as G increases, the solar subsystem is coupled to the turbine and445
the combustion chamber and so, the global efficiency decreases: it presents a446
dip during the central hours of the day. The well width depends on the number447
insolation hours and its depth of the maximum values that G reaches. In the448
recuperative configuration, Fig. 6, of course numerical values of η are larger449
than for the non-recuperative, Fig. 5, one because of the important increase of450
ηH . For εr = 0, minimum values of η change between 0.21 in summer to 0.24451
in winter. For εr = 0.775 the smallest value is found in summer, 0.27, and in452
winter is around 0.32.453
Although the fuel conversion rate, re, thoroughly is not a thermal efficiency454
is also plotted in Figs. 5 and 6. It is identical to η during nights because all455
the heat input is associated to fuel combustion and during the day it has a456
parabolic shape that resembles the shape of G and qualitatively is like a mirror457
image of η. The maximum value of re appears in summer, when irradiance458
reaches its higher values: for εr = 0. It amounts 0.34 and for εr = 0.775,459
0.53 which is a quite interesting value. In the less favorable season, winter, it460
amounts 0.30 without recuperation and 0.45 with recuperation.461
The solar share, f , was defined in Sec. 2 as the ratio between the input heat462
rate from the solar collector and the total input heat rate. Its evolution with463
time for the considered representative days is plotted in Fig. 7. Curves for464
recuperative and non-recuperative configurations are shown. In all cases the465
shape of f for any particular season reminds that of the solar irradiance, G.466
Differences among seasons refer both to the number of hours with enough so-467
lar irradiance and to the height of the curves maxima. For instance in winter468
for the regenerative configuration f reaches a value slightly above 0.16 and469
26
there are 9 hours of effective irradiance. At the other side, for a typical day470
of summer, f has a maximum around 0.34 and about 14 hours of adequate471
solar input. When the regenerator is eliminated, for example, with the aim472
to take advantage of the residual heat in a bottoming cycle, the solar heat473
input remains the same. Nevertheless, the total heat input (in this case re-474
quired to increase the temperature from T2 to T3 instead of from Tx to T3) is475
larger, so the solar share is smaller. If we compare f in the figure for winter476
in both configurations, in the recuperative one the maximum is about 0.165477
as mentioned above and for the non-recuperative one about 0.125. This corre-478
sponds to a decrease around 32%. At the other end, in summer the maximum479
with no recuperation is on 0.245, thus an increase about 39% is gained with480
a recuperator.481
4.2 Cycle temperatures482
The relevant temperatures in the hot side of the cycle are plotted in Fig. 8483
for the regenerative and the non-regenerative configurations. The turbine inlet484
temperature, T3, is almost constant in both configurations, thus providing an485
stable plant power output as commented at the beginning of Sec. 4. The com-486
pressor outlet temperature, T2 is around 600 K and slightly oscillates following487
the evolution of the ambient temperature. In the non-regenerative situation488
and during insolation hours the solar receiver increases the temperature of the489
fluid from T2 to Tx′ . The latter has during these hours a parabolic shape that490
resembles the shape of G. During winter the maximum of Tx′ is about 700491
K and during summer about 820 K. The working temperature of the solar492
collector, THS, as explained before is obtained, in each case, by balancing the493
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energy rate released by the solar collector and received by the working fluid494
performing the Brayton cycle. It reaches maximum values above Tx′ because495
of the losses in the heat exchanger behind the solar receiver. The maximum496
values of THS in the non-regenerative situation change from 720 K in winter497
to 870 K in summer.498
In the regenerative situation, the regenerator increases the compressor output499
temperature T2 to a temperature Tx (see Fig. 1). Then, the solar collector500
during the day and the combustion chamber provide the heat rates to reach501
the turbine inlet temperature, T3. The value of Tx does not depend neither on502
the time during a day nor on the season, because it is a function of the turbine503
outlet temperature T4 (constant because T3 is constant) and the regenerator504
effectiveness. In the plant considered Tx is around 825 K. In this case all the505
temperatures of the hot side (THS and Tx′) are displaced above more than 200506
K. In the most favorable insolation conditions, during summer, the working507
temperature of the solar receiver, THS is slightly above 1000 K, similar to508
design point conditions of SOLUGAS project. It is important to stress here509
that for the intended power output in this plant Tx′ never reaches the turbine510
inlet temperature, T3. This means that this plant could not work only on solar511
basis if the aim is to obtain a power output around 4.6 MW. A substantial512
combustion contribution is always required, even for the highest values of G.513
The temperatures of the working fluid in the cold side are depicted in Fig. 9.514
This plot is interesting in order to analyze the possible combination of the515
Brayton cycle with a bottoming one in order to take advantage of residual heat516
for instance through a heat recovery steam generator (HRSG) and a Rankine517
cycle or other possible cycles. In the non-regenerative case the temperature of518
the working fluid at the turbine outlet, T4 is season independent and is about519
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890 K. When a regenerator is considered, the temperature of the working520
fluid that could be profited is Ty. During a day Ty oscillates as TL and it also521
depends on the particular season. The smallest value is found in december,522
about 650 K, and the largest one in september, around 675 K. Thus, differences523
between seasons are scarce. Both in the non-regenerative and regenerative524
situations the potential use of residual heat to connect a bottoming cycle are525
important [9,11,13,44].526
4.3 Fuel consumption and emissions527
Numerical computation of the fuel consumption was achieved, either calculat-528
ing the fuel consumption rate in hourly basis through Eq. (8) or the integrated529
consumption during a whole day. The mass fuel rate, ṁf , (see Fig. 10) has530
two different levels depending on the plant configuration, with or without a531
heat recuperator. During the night all the electricity generation comes from532
fuel combustion (natural gas in our case) and differences between recuperative533
and non-recuperative cases are around 38.5 %, independently of the season.534
This is the difference in terms of fuel consumption rate of incorporating a535
regenerator to pre-heat the working fluid at the compressor exit. When the536
plant works on a hybrid mode because received irradiance is enough to heat537
the pressurized air above T2 (without recuperation) or Tx (with recuperation),538
the fuel rate saving is important, and obviously depends on seasonal condi-539
tions. For each operation mode, the fuel saving for a whole day corresponds to540
the area of the surface between the solid lines in Fig. 10 (hybrid mode) and the541
corresponding dashed ones (pure combustion). The results are summarized in542
Table 3. For the non-regenerative plant the saving varies from 2.9% in winter543
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to 8.7% in summer. Autumn and spring behave in a similar way, the saving is544
about 5.5%. For the recuperative case relative differences are slightly larger:545
change from 4.0% in winter to 11.7% in summer. In autumn and spring, now546
the saving is around 7.4%.547
The differences among plant configurations in fuel consumption are directly548
transferred to pollutant emissions. As an illustration we have plotted in Fig. 11549
a bar diagram with the estimated emissions of the main greenhouse gases in550
real units: CO2, CH4, and N2O. The data in the figure should only be taken551
as a guide, because each plant could have particular technologies to reduce552
emissions or CO2 capture mechanisms. The data were obtained from the gas553
natural emission factors collected in [45,46]. The figure, in daily basis for the554
considered particular days of each season, allow to discern two emission levels:555
the associated to the non-recuperative plant and the one arising from the556
recuperative one. Differences are substantial as was previously commented for557
fuel consumption. Within these two modes, the reduction associated to solar558
hybridization and its evolution during the year is also apparent.559
5 Summary and conclusions560
In this paper we have modeled a solar hybrid power plant based on a gas tur-561
bine following a closed Brayton cycle. The plant admit several configurations562
with or without a heat recuperator and with or without solar heat input. An563
assumed basic constraint of the plant operation is to keep an almost constant564
power output in the periods of low solar radiation. The model allows a direct565
calculation of the dynamic plant operation, with variable solar irradiance and566
variable external temperature. The hybridization scheme follows a serial or567
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sequential heat input divided in two or three steps. In the non-recuperative568
configuration a heat exchanger transfers the heat received in a central tower569
solar collector to the working fluid at the exit of the compressor. Then, a com-570
bustion chamber completes the energy input required to have an stationary571
turbine inlet temperature. If a regenerator is included there exist a previous572
heating process by using the high temperature of the gas at the turbine exit.573
The main emphasis was laid on the thermodynamic model of the Brayton cy-574
cle, where all the main irreversibility sources were considered avoiding to intro-575
duce a huge number of parameters and allowing to obtain analytical equations576
for all the thermal efficiencies and power output. For the solar subsystems a577
simple model was taken. It takes into account heat losses in the solar collector578
due to to radiation and conduction/convection terms. The optical efficiency579
is an averaged effective factor. The overall plant efficiency was obtained as a580
combination of the efficiency of the plant subsystems (solar, combustion, and581
gas turbine) and the isentropic efficiencies of the heat exchangers connecting582
subsystems. The Brayton cycle model was explicitly validated by comparing583
with the data of a commercial gas turbine. The SOLUGAS project [17] in584
Spain was elected as prototypical installation to compare model predictions585
with.586
After the validation in stationary conditions, real seasonal data for solar ir-587
radiance and ambient temperature were incorporated to our computational588
scheme and taking representative days for each season, results were presented.589
Curves of global plant thermal efficiency, efficiencies of the subsystems, so-590
lar share, power output, and fuel conversion rate were shown in hourly basis.591
Explicit data for fuel consumption rate and greenhouse gases inventory were592
presented and analyzed.593
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Results show that a regenerative plant working in hybrid mode has a fair po-594
tential to generate power output with reduced fuel consumption and reduced595
greenhouse emissions. Likely, the high temperature of the working gas at the596
recuperator exit, make these plants susceptible to be combined with a bot-597
toming cycle, in order to increase global combined efficiency. Future efforts598
will be devoted to this possibility. Also a complete exergetic analysis of this599
hybrid plant and a thermoeconomic study are under way.600
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Mercury 50 manufacturer’s specifications and output records
ṁ = 17.9 kg/s rp = 9.9 TL = 288 K
T3 = 1423 K Ty = 647 K ηHe = 0.385 Pe = 4.6 MWe
Model: Assumed losses parameters
εHC = 0.980 ρH = ρL = 0.975 εt = 0.885 εr = 0.775
εL = 0.985 εc = 0.815
Model: Estimated output records
T3 = 1418 K Ty = 657 K ηHe = 0.384 Pe = 4.6 MWe
Relative deviations
T3 Ty ηHe Pe
0.4 % 1.5 % 0.2 % 0.6 %
Table 1
Manufacturer’s output results for the turbine Mercury 50 (Solar Turbines, Cater-
pillar) [38] and the predictions of our thermodynamic model with the irreversibility
set of parameters shown. The specifications give the efficiency and power output as
measured as generator terminals. In our numerical calculations, generator efficiency
was taken as 0.99 %. The pressure losses parameters, ρH and ρL, correspond to
relative pressure losses, both in heat input and heat release processes of 9.2%.
38
Solar plant parameters at design point
η0 = 0.73 εHS = 0.78 G = 860 W/m
2
α = 0.1 C = 425.2 UL = 5 W/(m
2K)
Combustion related parameters
ηC = 0.98 THC = 1430 K εHC = 0.98
Thermal cycle temperatures (K)
T1 = 294 T2 = 590 Tx = 822
Tx′ = 1027 T3 = 1422 T4 = 890
Ty = 657
Estimated output parameters
f = 0.341 ṁf = 0.172 kg/s P = 4.647 MW
Estimated efficiencies
ηH = 0.393 ηS = 0.698 η = 0.300
Table 2
Simulation predictions for the main parameters of the hybrid solar gas-turbine plant
developed for the SOLUGAS project [17,11]. The elected parameters for the sim-
ulation of the combustion chamber and solar subsystems are shown. All other pa-
rameters for the gas-turbine itself are those contained in Table 1. The working tem-
perature of the solar collector, THS , was obtained from an energy balance, leading
to THS = 1085 K. The fuel conversion rate predicted is re = 0.573.
39
mf (kg per day) Winter Spring Summer Autumn
No regeneration Combustion mode 30438 30114 29463 29196
Hybrid mode 29552 28479 26895 27587
Fuel saving (%) 2.9 5.4 8.7 5.5
With regeneration Combustion mode 21977 21902 21750 21688
Hybrid mode 21098 20277 19196 20089
Fuel saving (%) 4.0 7.4 11.7 7.4
Table 3
Seasonal fuel consumption prediction on the basis of natural gas fueling. Combustion
mode corresponds to the case of no solar heat input and the hybrid mode to the case








































































































































Fig. 1. Scheme of the hybrid solar gas-turbine plant considered. The main heat
transfers and temperatures are depicted. Also the key losses sources considered in
the model are shown. The design is flexible because the plant can work in different
modes: with or without solar hybridization depending on irradiance conditions, and
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Fig. 2. T − S diagram of the irreversible Brayton cycle experienced by the work-
ing fluid. Several irreversibility sources are considered (see text). The solar receiver



























Fig. 3. Hourly Irradiance, G, and ambient temperature, TL, for four selected days
at the beginning of each season at Seville [42]. Curves are neither smoothed nor
averaged. Data corresponds to direct real measures on 2013 each 30 minutes. Note
that, although irradiance is higher at june (summer), temperatures at the beginning
of autumn (september 21st) are higher.
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Fig. 4. Daily evolution of the power output, P , in real units. Two seasons are
depicted for a recuperative plant configuration. Note that the shape of the curves
resemble the counterphase shape of the ambient temperature, TL, shown in Fig. 3,






















Fig. 5. Hourly evolution of plant efficiencies for representative days of each sea-
son. The plant configuration does not include recuperation (εr = 0). The fuel rate






















Fig. 6. Hourly evolution of plant efficiencies for representative days of each season.































Fig. 7. Solar share, f , of the plant for each season. Solid lines correspond to the


























Fig. 8. Temperatures on the hot side of the plant cycle (see Figs. 1 and 2) for
representative days of each season. Curves for non-recuperative and recuperative
configurations are shown. The curve for T3 is shown dashed for the non-recuperative























Fig. 9. Temperatures on the cold side of the plant cycle (see Figs. 1 and 2) for
representative days of each season. The curve for T4 is shown dashed for the non-re-





























Fig. 10. Evolution with time of the fuel consumption rate, ṁf , supposed natural
gas for representative days of each season. Solid lines refer to the hybrid operation
















































Fig. 11. Real units estimation of greenhouse emissions from the considered model.
Four possible operation modes are considered: hybrid mode (partial solar heat input)
with or without recuperation and pure combustion mode (only natural gas burning)
with or without recuperation.
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